Partially Premixed Combustion (PPC) has demonstrated substantially higher efficiency compared to conventional diesel combustion (CDC) and gasoline engines (SI). By combining experiments and modeling the presented work investigates the underlying reasons for the improved efficiency, and quantifies the loss terms. The results indicate that it is possible to operate a HD-PPC engine with a production two-stage boost system over the European Stationary Cycle while likely meeting Euro VI and US10 emissions with a peak brake efficiency above 48%. A majority of the ESC can be operated with brake efficiency above 44%.
INTRODUCTION
The requirements for the future combustion engines are both complex and challenging. Obviously future engines will be expected to perform the work with no less productivity and comfort than current engines. Engine combustion and emissions aftertreatment systems need to be increasingly efficient to reduce the specific emissions of unburnt hydrocarbons (HC), carbon monoxide (CO), nitrous oxides (NOx) and particulate matter (PM). The engine total efficiency needs to be maximized to reduce the carbon dioxide (CO 2 ) emissions and operating costs. Engine related noise, for instance combustion noise, needs to be under control as well. Further these requirements needs to be met with engines that can both be started and operated untroubled under various climatic conditions throughout the designed life of the engine, a designed life that is unlikely to be shorter than current engines due to consumer and regulatory demands. Certainly there is also an interest to reach all these targets with systems that rely to a minimum on costly and complex auxiliary sub-systems.
Loss Analysis of a HD-PPC Engine with TwoStage Turbocharging Operating in the European Stationary Cycle
In response, several low temperature combustion (LTC) concepts have been developed. Possibly the most famous and most researched is homogenous charge compression ignition (HCCI), but currently the focus is on more practical solutions than on pure HCCI. To name some of the most successful; reactivity controlled compression ignition (RCCI) [1] , high efficiency dilute gasoline engine (HEDGE) [2] , gasoline direct injected compression ignition (GDCI) [3] and partially premixed combustion (PPC) [4] . All these concepts originates from single cylinder engine research and show impressive gross indicated efficiencies due to dilute low temperature combustion that reduce in-cylinder heat transfer losses and exhaust losses. Further they all depend on boosting which can prove to be challenging when going from externally boosted single cylinder experimental systems to self-sustained multicylinder engines with real boosting systems, especially if the improved indicated efficiencies are to be materialized in improved brake efficiencies [5] .
Possibly the most impressive implementation into a practical multi-cylinder LTC engine is that on GDCI described by Mark Sellnau at the SAE High Efficiency Symposium 2013. Since this presentation is not easily available the reader is directed to Hoyer et al [3] that describes the system investigations of that work.
Regarding PPC, the early research attempts to transfer the PPC concept into a production viable engine with brake efficiencies higher than state of the art HD diesel engines has not been that successful. In [6] a Volvo TD13 commercial engine was modified for PPC operation with a low pressure EGR system but maintaining the standard VGT turbocharger. The turbocharger was too small for the increased mass flow and combined with problems with internal leakage of the fuel injectors, leading to very high friction losses, brake efficiency not higher than 42% could be reached. The Scania engine used for much of the single cylinder engine research on PPC has not demonstrated any particular problems while operating on gasoline. Thus to investigate the system performance of a Scania engine a detailed theoretical investigation was performed in [7] . That study indicated that the standard single stage turbocharger was not sufficient for PPC operation, but if a boosting system of increased size and slightly increased efficiency could be employed, close to 48% brake efficiency should be within reach. This work expands on that by implementing an off-the-shelf production two-stage boosting system from Borg-Warner.
OBJECTIVE OF INVESTIGATION
The objective of this work is two-fold. One objective is to develop a realistic PPC engine system model that can be used to investigate the potential of different PPC strategies and guide the implementation of for instance EGR and boosting strategies for a real application in further experimental research. The second objective is to quantify and analyze the loss sources in a heavy duty PPC engine and to compare these with state-of-the-art heavy duty engines.
METHOD
The investigation is carried out with 1-D tools (GT-Power) [8] of complete and functional Scania D13 PPC multicylinder system with an off-the-shelf Borg-Warner two-stage boosting system. The system model is applied for operation over the European 13 mode stationary cycle. Engine experiments support the modeling as to provide accurate incylinder conditions. Due to the detailed level of the model various losses can be investigated in detail in the engine system network.
ENGINE EXPERIMENTS
The experiments were performed by Manente et al. on a Scania D13 engine modified for single cylinder operation [4] . The four load cases in that work using 89RON gasoline were selected for this investigation, due to the commercial availability of that fuel. The experiments were all run at 1250 rpm. The experimental conditions are presented in Table 1 . 
MODELING APPROACH
Details on the modeling approach, model development, calibration and performance was presented in a previous publication [7] .
A single-cylinder model was developed to replicate the experiments for calibration of various parameters. The model uses the experimental RoHR, fuel flow, lambda, inlet and exhaust temperatures and pressures. The compression ratio, heat transfer parameters, pipe and valve flow coefficients where adjusted until a satisfying agreement was reached between the measured and simulated in-cylinder pressure over both the closed and open cycle, as well as for the averaged inlet and exhaust temperatures and pressures. In comparison to the previous work [7] the simplified treatment of modeling the cylinder with only a single exhaust valve and port (common approach in 1-D) was replaced with a more detailed description with both exhaust valves and ports, giving a much improved agreement on the exhaust temperatures ( Table 2) . Engine data and cylinder pressure comparisons can be found in the appendix. The multi-cylinder model was developed based on the calibrated single-cylinder model together with a production Scania D13 Euro V model to include realistic heat exchangers and muffler/SCR. Finally a two-stage boosting system from Borg-Warner was included. The model was operated to cover the ESC 13 mode cycle. Since the experiments only cover the lowest engine speed in the ESC (A-speed) combustion and in-cylinder data was assumed for B-and C-speed points, which is described in detail in [7] . For each of the operating points the relevant conditions for combustion from the single-cylinder model calibration (Aspeed) or assumed conditions (B-C-speeds) in terms of lambda, EGR amount, in-cylinder temperature and pressure where maintained by using PID regulators operating on the HP-turbine bypass valve and EGR valve.
Loss analysis is only performed on operating points supported by experimental data.
Multi-Cylinder PPC Engine Model
The PPC system model can be seen in figure 1 . The intake uses the same air filter as the production engine.
The inter stage cooler (ISC) and charge air cooler (CAC) are of the same design as the standard Scania CAC, although with 60% increased number of pipes as to maintain a similar pressure drop. The intake pipe passing boosting system, ISC and CAC is at 105 mm diameter, larger than for comparable CDC engines. Intake and exhaust ports, valves and valve timings and intake and exhaust manifold are the same as for the production engine. The design of the intake and exhaust manifolds does introduce slight variations of the charge between cylinders and the combustion. Of greater consequence are the larger variations in exhaust pressures due to the different length of the individual exhaust runners.
Even though PPC demonstrates very low NOx emissions during steady state operation these levels could be difficult to maintain during transients. The SCR could most likely be reduced in size compared to CDC. Further it is likely that an oxidizing catalyst may be required at lower loads. For these two reasons the muffler/SCR from the GT-Power model of the production engine is retained, with similar regulated back pressure as a function of load and speed. The model does not contain any particulate filter since it is judged that such will not be needed for a well calibrated PPC engine.
The EGR system is contrary to the production engine a long route low pressure EGR system with the junctions carefully sized as to minimize pressure losses. The internal pipes of the EGR-C are increased 20% in diameter while the EGR and exhaust system pipes are sized equally at 105 mm diameter. All pipes, coolers and cylinders use wall temperature solvers to improve the prediction of heat transfer. The sink temperatures of the EGR-C and ISC are set to achieve around 70°C gas temperatures as to avoid condensation before the compressors.
The CAC sink temperature is adjusted for the intake charge to reach the inlet manifold temperatures in the experiments (table 1) . These temperatures are rather low and in practical applications these could likely only be reached with ambient temperatures less than 10-15 °C depending on CAC configuration. Since the inlet temperature will affect the combustion, the experimental inlet temperatures have been maintained in this work. Future work will however aim at producing experimental combustion data with varying inlet temperatures from the current 25-30 °C to 80 °C.
The three zone in-cylinder wall temperature solver uses a detailed description of the in-cylinder geometry, oil cooling, wall materials and thicknesses and sink temperatures. Ports and pipes are handled in a similar fashion. The WoschniHuber heat transfer model is used to determine the incylinder heat transfer using the same multipliers as in the single cylinder calibrations to achieve similar pressure traces during expansion as for the experiments. The port heat transfer coefficients are slightly adjusted to reach the same exhaust temperatures at the same location in the exhaust manifold as for the experiments. The friction model is tuned to provide the same friction losses at each operating point as the highest friction values from any of the compared CDC engines. The crank train is modeled to account for the flexibility of the connecting rod.
Boosting System
The dual demands of high power density and EGR flow rates require a two-stage turbocharger system. The current first iteration two-stage system chosen utilizes BorgWarner offthe-shelf production components. The high pressure stage turbocharger uses a 84T compressor with a wheel diameter of 84 mm. The fixed geometry wastegated turbine for this stage is a 73QK with a diameter of 73 mm. The low pressure stage compressor is a 4871N with a diameter of 123 mm. The low pressure stage fixed geometry turbine is a 96M with a diameter of 96 mm. No efficiency or mass multipliers were employed in any of the simulations.
RESULTS

Boosting System Performance
The performance of the low pressure stage and high pressure stage can be seen in Figure 2 and Figure 3 respectively. Due to confidentiality, absolute values are normalized with dark red being unity and dark blue being nil. It can be seen that the matching of both the LP compressor and LP turbine is reasonable. 
ESC Performance
The two-stage boosting system is capable of providing the target inlet conditions, for instance lambda and EGR rates, required for operation over the complete ESC (Figures 4, 5 , 6, 7, 8, 9, Each figure shows the calculated points as white dots over load and speed while gradients in between dots are interpolated by GT-power.) The pumping losses in terms of PMEP are presented in Figure 6 . Pumping losses are substantially higher for PPC than for CDC. Especially at high loads and B-C-speeds pumping losses are very high. The high pumping losses can partly be explained by high mass flows due to the high amounts of EGR. There is likely potential for improvements with a second iteration boosting system, updated valve-port interfaces and other EGR calibrations. Figure 7 shows that brake efficiencies above 48% are reached while an operating window covering the majority of A-and B-speeds reaches above 44% brake efficiency. According to the simulations higher brake efficiencies are reached for a majority of the operating points than the typically reported 43% peak brake efficiency of state-of-the-art diesel engines. The resulting BSFC figures can be seen in Figure 8 .
To be certain that the catalysts ignite the exhaust temperature should be above 175°C [10] . Figure 9 indicates that this requirement is met for the complete operating regime (idle not included). 
Energy Balance and Loss Analysis
This section presents energy losses for PPC at various loads and in comparison with a CDC engine. The presented data for CDC consists of a compilation of data for a number of different state-of-the-art production diesel engines operating at A75. The speeds and loads vary slightly in the ESC for the different engines but are close to those of the PPC. Due to confidentiality individual production engine data are not revealed. For clarification: the presented heat transfer losses are in-cylinder heat transfer losses, unlike often published heat transfer losses that actually includes exhaust port and exhaust manifold exhaust heat transfer losses, etc, depending on where the exhaust temperature sensor was placed and exhaust mass flow determined [1, 9] . Figure 10 shows a comparison between PPC and CDC. Combustion losses are very small in both cases, due to very limited crevice losses, while the in-cylinder heat transfer losses are basically halved in PPC. Exhaust losses are slightly lower while pumping losses are almost three times higher for PPC. The friction losses are slightly higher for PPC according to the simulations. The resulting brake efficiency is substantially higher for PPC mainly due to the well timed and diluted low temperature combustion that is less detrimental to gas data, extends the expansion and lowers the in-cylinder heat transfer losses. A comparison was also made for the four load cases that where supported experimentally ( Figure 11 ). The results show that combustion efficiency is reduced with load while the relative in-cylinder heat transfer losses increases. Both relative pumping and friction losses increase while relative exhaust losses decrease with load. The brake efficiency is fairly similar in the 40-100% load range with a peak of 48.3% at 60% load and minimum of 47.2% at 40% load.
The above presented exhaust and pumping losses can be broken down in further detail. Figure 12 shows a sketch of the complete engine system with boxes defining specific sub systems or parts. The losses from each sub-system/part for the A75 operating point are presented in Table 3 . Figure 12 . Definition of location for the energy sources presented in Table 3 .
1 defines the friction losses, 2 defines the cylinders and their related heat transfer losses (HTL), 3 defines all the exhaust ports as they merge from each exhaust valve pair into each single outlet with their associated convective heat transfer losses. 4 is the complete exhaust manifold while 5 comprises both the high pressure and low pressure turbines. 6 is the EGR-C including the pipes into it as these also transfers substantial amounts of heat. 7 is the exhaust system including the muffler and SCR unit. 8 contain both compressors while 9 and 10 contains the ISC and CAC respectively.
One interesting result is that the combined heat transfer losses from the exhaust ports (3) and exhaust manifold (4) exceeds the in-cylinder heat transfer losses (2). The boosting system (5, 8) consumes 70 kW of the exhaust energy. The EGR-C transfers 42 kW. The energy that is lost with the tail pipe exhaust adds up to 51 kW based on the exhaust temperature, specific heats, mass flow and ambient temperature.
To complete the energy balance the energy transferred from the exhaust to the intake side needs to be considered. This consists of energy from the boost system and from the EGR which is not cooled down to ambient temperature. The ISC and CAC then transfer heat with a rate of 50 and 34 kW respectively to the atmosphere while the incoming charge is heated with 3 kW in the intake ports (11) . There are a number of other small loss sources, for instance intake manifold heat transfer, but these sources are comparably small and seem to balance out each other since the balance of the major sources comes to 0. 
Sensitivity Analysis Variation of In-Cylinder Heat Transfer
Due to the strong impact from the in-cylinder heat transfer losses on the system performance, a sensitivity analysis was performed by varying the heat transfer multiplier (HTM) for the Woschni-Huber model for the A75 case. The calibration in the single cylinder model had provided a suitable value of 0.32 for the HTM. Two additional simulations where performed with the HTM set to 0.16 and 0.64. Already in Figure 10 it can be seen that in-cylinder heat transfer losses are basically halved for PPC versus CDC. Although it is uncertain whether a further 50% reduction is possible, the authors still wanted to investigate and demonstrate the impact [11] . Figure 13 shows the different cylinder pressures achieved compared to the experimental pressure. The results indicate a couple of interesting features. The first is that the calibration is possibly overly conservative and that in-cylinder heat transfer could be even lower than first estimated. One needs, however, address the results with certain cautioun since small differences in the phasing of the applied RoHR as well as in the estimation of the connecting rod flexibility do have sufficient impact to alter the calibration.
Table 4. Results due to variation of in-cylinder heat transfer
The second interesting feature is that the brake efficiency increase/decrease with a higher rate than the gross indicated efficiency. With the decreased heat transfer losses there is slightly increased exhaust energy that reduces the pumping losses
Variation of Exhaust Port and Manifold Heat Transfer
The loss analysis revealed that the combined heat losses from the exhaust ports and manifold exceeded that from the cylinders. This lost energy can be much better used in the boosting system. By applying a thermal barrier coating on the inside of the exhaust ports and exhaust manifold and also isolating the outside of the exhaust manifold (for instance with double layer sheet metal as in passenger cars) the heat transfer losses can be reduced. How much, is not easy to estimate. A brief literature review do not provide clear indications so instead the HTM was reduced ad hoc in two steps, 25% reduction and 50% reduction. As can be seen in Table 5 there is a small but clear impact from isolating the ports and manifold. For a similar 50% decrease of around 13 kW heat losses, a reduction at the ports and manifold only provides a 1/10 gain in brake efficiency compared to having the heat loss reduction within the cylinders. This can be explained with that reduction of heat losses during the expansion period is directly equivalent to increased work while heat transfer reduction on the ports and manifold is converted to work indirectly through the boosting system. Still the reduction of heat losses through ports and manifold can be very important to achieve required boosting when further reductions of exhaust losses have been achieved. 
Variation of Friction
Already the baseline case uses slightly higher friction settings than for CDC. The motivation for this is the high recorded frictions while operating the pump injectors in the Volvo D13 engine on gasoline [6] . The Scania common rail fuel injection system has not limited the experimental work when using gasoline, but the exact work required for pumping diesel versus gasoline has not been determined yet in our laboratory.
Since the friction loss due to pumping gasoline is unknown at this stage a variation with increased friction in two steps was performed. Table 6 shows that a change of friction multiplier (FM) gives a slightly smaller change in FMEP. Nevertheless, a FMEP increase of 15% yields less than 1% (0.4%-unit) reduction in brake efficiency. Whether this increase in friction is realistic or not remains to be seen experimentally. 
DISCUSSION
In-Cylinder Heat Transfer
The results indicate that the main benefit with PPC over CDC is the substantially reduced in-cylinder heat transfer losses that eventually lead to higher brake efficiency. Even though the reduction is substantial it is not that surprising. The last decade of research into low temperature combustion engines has on several occasions demonstrated a similar substantial reduction of in-cylinder heat transfer. For instance it has been widely accepted that the much used Woschni heat transfer correlation model overestimates heat transfer during combustion in HCCI engines. A common approach in the kinetics modeling community as well as in the post processing of HCCI experiments has been to omit the Woschni model C2 factor altogether thus giving an 80% reduction in heat transfer, giving a better match between modeling and experiments. A more scientific approach has been the work directed at developing new heat transfer correlation models showing similar reductions [12, 13] . Work related to PCCI and RCCI do confirm the findings from the HCCI work. For instance in Splitter et al. [1] a HTM of 0.2 is used with Woschni-Huber for calibration of a 1D model against experiments. There is no specific value of in-cylinder heat transfer losses presented, but the combined heat transfer losses from the cylinder exhaust port, manifold and exhaust tank is estimated by the authors to 8.2% of the fuel energy.
The work by Fridriksson et al. provides an insight to why heat transfer is so much lower in PPC compared to CDC [14] .
The temperature fields in a cutting plane through one fuel spray of half of the combustion chamber can be viewed for CDC ( Figure 14 ) and PPC ( Figure 15 ). The CDC case reveals temperatures above 2000 K in areas in the spray as well as very close to the surface along the piston bowl and the squish area. In comparison the PPC case does not exceed 2000 K in any region and furthermore the bowl and squish surfaces are exposed to 400-500 K lower temperatures. The surface exposure to high gas temperatures has also a shorter duration. The CFD simulations predicted 5.4% of fuel energy as in-cylinder heat transfer losses for the PPC case with twice that figure for the CDC. The GIE of this diesel-PPC case was 53.8% for the experiment and 54.0% for the CFD calculations thus providing similar data as for the gasoline-PPC A75 case investigated in this work. 
SUMMARY/CONCLUSIONS
Engine loss sources were investigated with a Scania D13 PPC engine system model based on single cylinder experiments, a validated single cylinder model and a validated Scania D13, EuroV, production engine model and a first iteration, off-theshelf BorgWarner two-stage boost system.
The results indicate that:
1.
A realistic PPC engine system operated in steady state on commercial gasoline is capable of reaching above 48% peak brake efficiency and above 44% brake efficiency for most of A and B-speeds while likely meeting EuroVI and US10 emissions regulations.
2.
The reduced (typically halved) in-cylinder heat transfer loss is the major source of improvement for PPC compared to CDC.
3.
The reduced in-cylinder heat transfer losses can be explained by the lower combustion temperatures but also by the partially premixed combustion that avoids high temperature combustion close to the combustion chamber walls. There is a lower overall temperature gradient.
4.
Reduction of in-cylinder heat transfer losses may be attributed to increased exhaust losses, which can be used for reduced boost work providing a combined effect for increased brake efficiency.
5.
Heat transfer loss is higher for the combined exhaust ports and manifold than for the cylinders.
6.
Reduction of heat transfer losses in the exhaust ports and manifold has only 1/10 of the impact on brake efficiency compared to reduced heat losses within the cylinders. Still such reduction may be very useful where exhaust power for boosting is limited.
7.
PPC has a factor three higher pumping losses than CDC. Potential improvements of the pumping through a second iteration boosting system is planned to be investigated.
8.
A potential 15% increase in friction loss, from for instance increased work for injecting gasoline, could reduce brake efficiency 1%. Whether friction loss for PPC actually is higher, or not, than for CDC has to be determined with future experiments.
9.
Considering that 48.4% brake efficiency could be reached with 54.1% gross indicated efficiency, 50% brake efficiency can probably be reached with 57% gross indicated efficiency.
Future work will aim at producing additional experimental single-cylinder engine data and validating the models for all operating points in the world harmonized stationary cycle (WHSC). With the updated models a second iteration boosting system can be investigated. Investigations with a real boosting system in multi-cylinder heavy duty engine can then be performed. The Engineering Meetings Board has approved this paper for publication. It has successfully completed SAE's peer review process under the supervision of the session organizer. This process requires a minimum of three (3) reviews by industry experts.
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